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Abstract

Condensation of vapor/noncondensable gas mixtures in horizontal tubes is not well understood because condensate stratification and
the multidimensional nature add to the complexity of the phenomena. The heat transfer and fluid flow phenomena in a horizontal con-
denser tube were experimentally studied, along with the heat transfer reduction effect of a noncondensable gas. The temperature gradient
across the condenser tube wall was measured locally to investigate the asymmetrical heat transfer characteristics around the condenser
tube periphery. The condensation heat transfer coefficients on the tube top were much greater than the values at the bottom and the

noncondensable gas significantly reduced the heat transfer rate.
© 2006 Elsevier Ltd. All rights reserved.
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1. Introduction

As one of the most widely used types of heat exchangers,
horizontal condensation heat exchangers have traditionally
found many industrial applications, including in the pro-
cess industry, the air conditioning and refrigeration indus-
try, and for condensation of mixed vapors for distillation
of hydrocarbons [1].

In the nuclear industry, horizontal heat exchangers are
also widely used. Recently, a horizontal heat exchanger
design has been proposed for a passive containment cool-
ing system (PCCS) of future light water reactors [2]. Cur-
rent PCCS designs typically employ a vertical condenser
[3.4]. The horizontal design is proposed because horizontal
heat exchangers have a potentially higher heat removal
capability than vertical heat exchangers [5].

The details of condensation heat transfer in the presence
of a noncondensable (NC) gas in horizontal condenser
tubes are not well understood. Compared to the well-stud-
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ied case of in-tube condensation for vertical downflow
[6,7], the complication of this phenomenon mainly comes
from two factors. The first is the nonsymmetrical two-
phase phase distribution in the tube cross-section. Also,
within the gas phase, when the velocity is low, the asym-
metrical noncondensable gas concentration caused by the
density difference between the noncondensable gas and
steam could affect the heat transfer [8]. For flow regimes
with low gas-phase superficial velocity, the heat transfer
characteristics at the top and bottom of the tube are quite
different, and thus the heat transfer coefficients are also
different. The second factor is the mode of condensate
drainage. In a horizontal tube, condensate must be carried
out by its own momentum or by shear from the steam/gas
mixture whereas gravity draining occurs in a vertical
tube.

Many researchers have investigated in-tube condensa-
tion for horizontal heat exchangers [2,9-12]. Nakamura
[2] performed experiments on steam/air mixture condensa-
tion in a horizontal U-tube under typical PCCS operating
conditions and measured the cross-section-averaged heat
transfer coefficients. Chato [9] performed experiments on
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Nomenclature

F criteria for flow regime identification
g gravitational acceleration (m/s?)

h heat transfer coefficient (W/m?/K)
k thermal conductivity (W/m/K)

N number of tubes

q" heat flux (W/m?)

0 heat transfer rate (W)

r radius (m)

T temperature (°C)

z axial location (m)

Greek symbols

0 film thickness (m)
0 density (kg/m?)
T shear stress (N/m?)

Subscripts

bot bottom of the tube
cl centerline

co coolant

1 liquid

top top of the tube

w wall

wall,in physical inner surface
wall,out physical outer surface

wi inner surface thermocouple
wo outer surface thermocouple
* location on the tube, can be “top” or “bot”

pure steam, laminar flow condensation in a horizontal tube
and developed a mechanistical model for the overall heat
transfer coefficient. Shah [10] developed an empirical corre-
lation for the heat transfer coefficient for annular flow con-
densation of pure steam. Dobson and Chato [11] developed
a flow regime map and heat transfer models for condensa-
tion of pure refrigerants in a small diameter tube. Ueno
et al. [12] described their thermal hydraulics tests of con-
densation in a horizontal tube under LOCA conditions in
a PWR and developed empirical correlations for the heat
transfer coefficient. However, other than the work by
Nakamura [2] which obtained tube section-averaged data,
there were no experimental investigations that fully cov-
ered the PCCS conditions of interest with the presence
of a noncondensable gas. More significantly, there are
no reported measurements of a truly local heat transfer
coefficient in horizontal tubes except for the limited data
by Rosson and Meyers [13] for refrigerants.

The effect of a NC gas on condensation heat transfer
has been extensively studied both experimentally and
theoretically for simple geometries as on a vertical flat
plate and in vertical tubes. Degradation factor correlations
have been developed from experimental data to account
for the effect of a NC gas in vertical tubes [6,14]. A
semi-empirical diffusion layer model has been developed
by Peterson et al. [15] for condensation inside vertical
tubes. However these correlations and models are highly
dependent on specific experimental conditions and the ver-
tical orientation.

The research herein was initially conducted to support
the horizontal PCCS design and was extended for general
application to other horizontal heat exchangers. In the
experiments, the local heat transfer coefficient profiles
along the condenser tube were measured to provide a com-
prehensive database for the phenomena and to support the
development of analysis models.

2. Experimental facility
2.1. Test loop and system instrumentation

As shown in Fig. 1, the major components of the test
facility are: the steam generator, the NC gas supply line,
the coolant water supply, the test section, the condensate
collection system, the associated piping and water storage
tanks, the instrumentation and the data acquisition system.
All heated components except the test section secondary
side are thermally insulated with fiberglass insulation.

Steam exits the steam generator and passes through a
separator that removes water droplets. Prior to mixing with
the NC gas, the steam flow rate is measured with a vortex
flow meter. Air is used as the NC gas. Two mass controllers
of different ranges control the air flow rate. A heater
installed downstream of the mass flow controllers preheats
the air to the prescribed temperature. The steam/air mix-
ture then enters the condenser tube and steam is condensed
by the coolant water flowing in the coolant annulus. At the
condenser tube exit, condensate is collected in the conden-
sate collection tank. The condensate flow rate is calculated
from the rate of water level rise in a sight glass on the tank.
At the test section exit, steam and NC gas are vented
through a control valve which is manually adjusted to
maintain the test section inlet at a constant pressure.

Filtered city water is used for the secondary-side cooling
water supply. To ensure a uniform flow of coolant through
the coolant annulus, coolant enters and exits through four
ports, located 90° apart. A magnetic flow meter measures
the coolant flow rate.

The test section is a double pipe, countercurrent flow,
concentric-tube heat exchanger. The inner tube is the con-
denser tube and the secondary-side coolant water flows
through the surrounding coolant annulus countercurrent
to the primary fluid. The condenser tube is a 4.5 m long
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Fig. 1. Test facility layout.

SS304 tube of 31.7 mm OD and 2.1 mm wall thickness with
a heat transfer length of 3.0 m. The coolant annulus outer
diameter is 63.5 mm.

2.2. Test section instrumentation

The centerline, tube and coolant thermocouples were
placed at 14 axial locations along the test section. These
locations are closely spaced near the condenser tube inlet
and spaced further apart with distance from the inlet, with
the axial locations shown later in Fig. 7. Thermocouples
were placed along the upper and lower sides of the test sec-
tion. The thermocouple locations at each of the 14 cross-
sections are shown in Fig. 2, where z is defined as the length
from the start of the heat transfer region.

Condenser tube centerline temperatures are measured
with 1.0 mm T-type (copper—constantan) sheathed thermo-
couples. For the condenser tube outer surface tempera-
tures, a 0.5 mm groove was made on the condenser tube
outer surface and a 0.5 mm sheathed thermocouple was
silver soldered into the groove. Coolant temperatures
are measured with 1.0 mm sheathed thermocouples. The
sheathed thermocouples have an accuracy of 4+0.5 °C per
manufacture specifications.

For condenser tube inner surface temperatures, a hole
was drilled nearly through the tube wall and a thermocou-
ple with a plug design was tapped into the hole. Caution
was taken in drilling the hole not to deform the tube inner
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Fig. 2. Temperature measurement cross-section.

surface. The plug is made of the same material as the con-
denser tube. To have good thermal contact between the
plug and the tube, the hole was filled with high thermal
conductivity silver epoxy (k =~ 29.0 W/m/K) before tapping
the plug in. T-type thermocouple wires of 0.25 mm diame-
ter were threaded through holes in the plug and soldered
together to form the measurement junction. The details
of the plug thermocouples are provided in Fig. 3. These
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in-house designed plug thermocouples were calibrated and
the differences between the readings from the thermocou-
ples were within +0.2 K under isothermal conditions.

3. Calibration of thermocouple pairs for heat flux
measurement

The local wall heat fluxes on the condenser tube are
measured by the wall inner surface-to-outer surface ther-
mocouple pairs. Ideally a heat conduction calculation as
in Eq. (1) should give the local wall heat flux:

kw(Twis(2) = Twos(2))
q;/vall.in,* (Z) = ' < (1)
Pwallin 1N (rrw—")
The subscript “#”” can be “top” or “bot”, g, is the local

heat flux based on the inner diameter of the tube and r is
the radial position. The calculated local heat fluxes from
preliminary test results had large fluctuations in axial pro-
files, which indicated large uncertainties. The error arose
from trying to measure a heat flux via the temperature
gradient across a tube wall which has a thickness of only
about 2.1 mm. The error in the location of the surface tem-
perature thermocouples ry; and ry, are important for a
small wall thickness. Thus the thermocouple pairs used to
measure the local heat fluxes needed to be calibrated
individually.

The calibration device and setup as shown in Fig. 4 was
used to perform the heat flux calibration. The main parts of
the calibration setup are the boiling section and the con-
denser. The condenser tube was set vertically to eliminate
asymmetrical effects. The boiling section is made of a
0.254 m long, 4 in. Schedule 10 stainless pipe with flanges
attached on both ends. By moving the boiling section along
the condenser tube, the thermocouple pairs can be cali-
brated, two pairs at a time. The coiled tube condenser
has a capacity that is high enough to condense all of the
steam generated from the boiling section.

Before each calibration test, the boiling section was filled
with water up to a level close to the top of the boiling sec-
tion. During the run, while steam of a given pressure and

inlet
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Fig. 4. Calibration device and setup.

flow rate traveled through the condenser tube, the water
in the annulus was heated to the saturation temperature.
The water that was boiled off in the boiling section was
condensed by the condenser and then collected in a gradu-
ated cylinder. The time-averaged boiling rate was calcu-
lated by simply dividing the collected water mass by the
collection time. From the boiling rate, time-averaged heat
transfer rate was calculated. The heat loss from the calibra-
tion section was estimated to be about 20.0 W [16]. The
heat loss is accounted for by adding this amount to the cal-
culated heat transfer rate obtained from the condensation
collection rate. The heat flux was determined by dividing
the total heat transfer rate by the heat transfer area. By
changing the primary steam pressure and flow rate, differ-
ent heat fluxes could be obtained.

The time-averaged inner surface-to-outer surface tem-
perature differences were compared with the heat fluxes.
A linear fit between the heat flux and the temperature dif-
ference provided the calibration curves for the inner sur-
face-to-outer surface thermocouple pairs. The heat flux
during the condensation experiments could then be calcu-
lated from these equations.

The calibration results for a typical temperature mea-
surement cross-section are shown in Fig. 5. The figure
shows that the wall heat flux is approximately a linear func-
tion of the temperature difference across the tube wall. Eq.
(1) also shows that the wall heat flux is a linear function
of the temperature difference across the wall if the thermal
conductivity of the wall material is considered to be
constant.

The error associated with the calculated heat flux and
heat transfer coefficients is mainly caused by the uncertain-



T. Wu, K. Vierow | International Journal of Heat and Mass Transfer 49 (2006) 2491-2501 2495

. -
7’

140
/ -
120 ~

NE / P
= 100 ad
) _
< y=17.19x - 7-7§/ _ % y=1082x-723
% 80 -
= / %
= 60 7
2 - ¢ Top

40 - \ = Bottom —

2 // — — Linear fit (Top)

// Linear fit (Bottom)
omal L ‘ ‘ ‘ ‘ ‘ ‘
0 2 4 6 8 10 12 14 16

DT (°C)

Fig. 5. Thermocouple pair calibration results for a typical cross-section.

ties in the temperature measurements. The relative error is
higher for low heat flux due to the smaller temperature dif-
ference across the tube wall. An average error of 10% was
used for the data based on an error analysis of the system.

It should be noticed that this calibration only gives the
relative distances between the inner and outer surface ther-
mocouples; the absolute location of each thermocouple is
still unknown. The absolute locations would be desirable
when examining the temperature profiles as discussed in
Section 5. However, the current calibration setup does
not provide a reference location or temperature with which
to anchor the relative distance along the wall thickness.

Further details of the heat flux measurement method are
provided in [16].

4. Test conditions and procedures

The test conditions listed in Table 1 were determined by
a scaling analysis of the PCCS system and extended to pro-
vide a larger database for physical understanding of the
phenomena. The scaling was based on General Electric’s
1190 MWe ESBWR design described by Challberg et al.
[4]. This design has four PCCS units that condense steam
from the containment drywell and transfer heat to outside
water pools at a rate of 13.5 MW. The heat transfer rate
corresponding to each tube is given as

Qunit = Ntubes/unitQtube (2)

The design described by Challberg et al. has 672 tubes in
each unit. From the decay heat curve, the maximum heat
transfer rate per tube corresponds to 20.0 kW which is

Table 1

Test conditions

Parameter Range
Primary side pressure (MPa) 0.1, 0.2, 0.4
Steam inlet flow rate (g/s) 6.0-46.0
Steam/air mixture inlet velocity (m/s) 8.2-38.0

Inlet Reynolds number of steam/air mixture 19,700-159,000

Noncondensable gas inlet mass fraction (%) 0-20
Secondary side coolant water flow rate (kg/s) 1.48
Secondary side coolant inlet temperature (°C) 45.0

the initial phase of the LOCA. From the decay heat curve,
the heat transfer rate per tube after 72 h corresponds to
7.25 kW. These heat transfer rates define the maximum
and minimum inlet steam mass flow rates into the con-
denser tube for LOCA conditions. The range of flow rates
calculated from this heat transfer limit corresponds to 3.4—
9.4 gfs.

From preliminary experiments, it was found that at
6.0 g/s steam flow rate, complete condensation occurs in
the single tube facility even for the highest air mass fraction
(20%). Therefore experiments of lower steam mass flow
rates were not performed. For the upper limit of the steam
flow rate, 9.4 g/s corresponds to only 20 kW of heater
power, which is far below the capacity of the steam gener-
ator. Since the purpose of the current experiment is to pro-
vide a complete data base, the inlet steam velocities were
extended to allow for annular and stratified flow and for
condensate Reynolds numbers that cover the range of both
laminar and turbulent flow. The upper limit of the inlet
steam mass flow rate was 46.0 g/s, which corresponds to
about 100 kW heater power.

The pressure range covers the design limit of a typical
light water reactor containment. The range of inlet air mass
fraction was chosen to cover the possible air mass fraction
range under hypothetical accident scenarios.

The steam mass flow rate, air mass flow rate, inlet pres-
sure, coolant inlet temperature and coolant flow rate were
kept constant during each test. The steam mass flow rate
was kept steady by having critical flow through a control
valve on the steam line. The air mass flow rate was adjusted
automatically by the air mass flow controllers. Manual
control of a vent valve at the test section outlet determined
the inlet pressure.

To obtain reliable data, the coolant flow must be reason-
ably uniform around the test section. The heat transfer
rates would be greatly affected if the coolant were ther-
mally stratified due to density difference. Prior to the
experiments, a CFD calculation with simplified boundary
conditions (constant condenser tube wall temperature) con-
firmed that the thermal stratification in the coolant flow
was negligible (<1.0 °C).

The CFD simulation was performed using the commer-
cial code FLUENT. Half of the coolant annulus (left or
right half) was simulated as the computational domain.
The first meter in the axial direction was calculated. The
boundary condition on the condenser tube outer surface
was set to be constant temperature at 90 °C, and the
boundary condition on the coolant annulus outer diameter
was set to be adiabatic. Coolant water viscosity and density
were set to be a function of temperature and the coolant
inlet temperature was the same as in the experiment
(45.0 °C). Fig. 6 shows that the temperature difference from
the top to the bottom is negligible.

The coolant flow rate in the experiments was controlled
by adjusting the bypass flow rate of the coolant pump. The
coolant inlet temperature was maintained at about 45 °C
by re-circulating part of the heated coolant and mixing it
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with cooler city water. Data was recorded when the system
had been at a steady state for at least 10 min. The approach
to steady state was monitored by plotting control variables
against time on the data acquisition PC.

5. Results and discussion
5.1. Axial temperature profiles

Fig. 7 shows the temperature profiles along the test sec-
tion for one of the tests. The vertical lines in the figure
show the axial locations of the local temperature measure-
ment cross-sections. As expected, the temperature profiles
reveal the highest temperatures along the centerline. The
condenser tube inner surface temperatures are well below
the centerline temperatures, with temperatures at the top
of the tube being higher than those at the bottom of the
tube. Finally, the temperature rise in the coolant running
countercurrent to the primary side is evident.

By comparing the CFD results and the experimental
results, the asymmetrical wall temperature and heat flux
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Fig. 7. Typical temperature profiles (inlet steam mass flow rate: 11.5 g/s,
inlet air mass fraction: 5%, inlet pressure: 200 kPa), vertical lines represent
the locations of temperature measurement cross-sections.

are concluded to have caused the asymmetrical coolant
temperature. The density effect was minimal on coolant
stratification.

The large difference in the “7,;” and the “T,,” profiles
demonstrates the success of the new embedded thermocou-
ple design. For most tests, the temperature drop across the
condenser tube wall is as large as 15.0 °C. This temperature
difference is large compared to the error associated with the
thermocouples (4+0.7 °C). Some other experimental pro-
grams employed a much thicker wall in order to obtain
an accurate local heat flux measurement [17-19], but the
heat flux is reduced due to the wall thickness.

The temperature dip in the condenser tube wall thermo-
couple readings in the first 0.3 m from the inlet is an unex-
pected result attributed to entrance effects. Complications
near the inlet are common in condensation heat transfer
facilities [6,20]. The uncertainties in the absolute positions
of the thermocouple junctions have been raised as a possi-
ble contributor to this effect. However, experimental data
showed that in the current experimental series, this effect
does not appear consistently in the data. The temperature
dip is significant only under high pressure and high mass
flow rate test conditions, suggesting that the major cause
is the entrance effect. One possible cause of this entrance
effect is that near the inlet, there is strong condensation
potential. Steam is sucked towards the interface and the
diffusion of air towards the center of the tube is suppressed
by the suction of steam towards the interface, resulting in a
high interface air concentration. The interface temperature
is low and, therefore the tube wall temperature is low.

Since the wall thermocouple junctions are embedded in
the wall, the measured condenser tube inner and outer sur-
face temperatures “Ty;” and “T,,”  are not the tempera-
tures at the physical wall boundaries. These temperatures
were corrected to the physical boundaries by a heat con-
duction calculation and labeled as “Tyanin” and “Tyanout”
correspondingly.

5.2. Global effects of noncondensable gas

In many heat exchangers, the inlet flow of the condenser
tube may contain a significant concentration of NC gas.
The NC gas accumulates along the condensate film to form
a boundary layer that inhibits steam from reaching the film
surface. With a lower vapor partial pressure at the conden-
sation surface, the heat transfer rate is decreased and the
heat exchanger performance is degraded. For forced flow
condensation, the effect of the noncondensable gas should
be much less significant than in the case of a stagnant vapor
because the mixing induced by the flow promotes steam
contact with the heat transfer surface [21].

The effect of the NC gas can be examined by comparing
the centerline temperature profiles (Figs. 8 and 9). The cen-
terline temperature corresponds to the local steam satura-
tion temperature. In these experiments, since the pressure
drop along the heat transfer length is less than 1.0 kPa
for most of the test conditions, the assumption that the



T. Wu, K. Vierow | International Journal of Heat and Mass Transfer 49 (2006) 2491-2501 2497

105.0

95.0
Inlet Steam Flow Rate: 6.0 g/s
Inlet Pressure: 100 kPa
85.0
Inlet Air Mass Fraction \\ ‘\-
Q -
< 750 l:%
e —a—2%
—a— 5%
65.0 e 10%
——15% \\ \\‘\
45.0 L L L L L
0 0.5 1 L5 2 25 3

Axial Location (m)

Fig. 8. Centerline temperature profiles for various inlet air mass fractions
(inlet steam flow rate: 6.0 g/s, inlet pressure: 100 kPa).

125.0
1150 38
105.0 ~
&) —— 0%
€ 950 1% 3
& 2%
85.0 ——5% S
——10%
75.0 —*—15%
——20% \
65.0 T T T T T
0 0.5 1 1.5 2 2.5 3

Axial Location (m)

Fig. 9. Centerline temperature profiles for various inlet air mass fractions
(inlet steam flow rate: 11.5 g/s, inlet pressure: 200 kPa).

centerline temperature reflects the local steam partial pres-
sure is valid. At the inlet, the steam partial pressure is close
to the total pressure. The difference with the total pressure
at higher inlet air mass fractions is due to the air partial
pressure. Therefore, the inlet temperature for the condi-
tions with higher air mass fraction is relatively low due to
the lower steam partial pressure.

With the mixture flowing through the condenser tube,
the mixture temperature drops sharply after a major part
of the steam has been condensed. From Fig. 8 it can be seen
that the condensation length is shorter for lower air mass
fraction cases because this source of thermal resistance is
small. Also the condensate rate measurement by condensate
collection confirmed that for the 10%, 15% and 20% inlet air
mass fraction cases, steam had been vented out. For the 1%,
2% and 5% inlet air mass fraction cases, the condensate col-
lection rate is close to the inlet steam mass flow rate. For the
steam flow rate shown in Fig. 9, a pure steam test was per-
formed. The inlet pressure could not be maintained due to
complete condensation of the steam within the tube. The
inlet pressure was about 70.0 kPa, which corresponds to a
saturation temperature of 90 °C. Therefore, the inlet steam
was superheated and the steam near the outlet was satu-

rated. Other temperature profiles in Fig. 8 show the same
trend, in which the 1% and 2% inlet air mass fraction cases
exhibit complete condensation.

By comparing Figs. 8 and 9, the effect of inlet pressure
can also be seen. From Fig. 8, it is expected that for
11.5 g/s inlet steam flow rate, 1% inlet mass fraction under
100 kPa inlet pressure, the condensation length would be
much longer than that for 6.0 g/s inlet steam flow rate, per-
haps greater than 3 m. From Fig. 9 it can be seen that for
11.5 g/s inlet steam mass flow rate and 1% inlet air mass
fraction under 200 kPa inlet pressure, the condensation
length is approximately 2.0 m. This means that for the
same inlet steam mass flow rate and air mass fraction,
the condensation length is shorter for high inlet pressure
conditions. Fig. 10 shows the effect of pressure on local
heat transfer coefficient profiles. The heat transfer coeffi-
cient is defined in a later section. From the comparison,
the heat transfer coefficient profiles show a decreasing
trend with increasing the inlet pressure. This trend is con-
sistent with the classical Nusselt analysis for pure steam
condensation. The same trend has also been observed in
the experimental results of Oh and Revankar [22] for con-
densation in a vertical tube. Although consistent, the trend
is rather insignificant, which means that there is very little
effect from the pressure because the mixture shear and large
temperature gradients dominate the heat transfer.

In the current experiment, air was used as the noncon-
densable gas and the effect of gas composition was not
examined from the results. The degradation effect of lighter
gases such as hydrogen or helium may be greater than for
air since these lighter gases tends to accumulate at the top
part of the tube due to the buoyancy effect. Future experi-
ments will be performed on this effect.

5.3. Local flow regimes

In horizontal heat exchanger tubes, steam condenses
along the inner surface of the tube and runs along the
periphery to the bottom. The liquid film on the tube wall
represents a resistance to the heat transfer. The major flow
regimes are annular flow and stratified flow in the present
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Fig. 10. Heat transfer coefficient profiles at the top of the tube for different
inlet pressures (inlet steam mass flow rate: 11.5 g/s, inlet air mass fraction:
15%).
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study. For annular flow, most of the current heat transfer
models [10,11] treat the film thickness as being uniform.
For stratified flow, the primary heat transfer modes at
the tube bottom are conduction and forced convection;
however, the thicker condensate layer at the bottom
provides more heat transfer resistance, rendering the
upper section of the tube a more effective heat transfer
surface.

In a horizontal condenser tube, the local flow regimes
strongly affect the heat and mass transfer processes. The
most widely used flow regime map for horizontal two-
phase flow was developed by Mandhane et al. [23] for
adiabatic two-phase flow, in which the flow regimes were
defined on a plot of the liquid superficial velocity vs. gas
superficial velocity. For horizontal condensation flow,
Jaster and Kosky [24] defined the major flow regimes as
annular, transition and stratified flow based on their
experimental observations of steam condensation in a
12.5mm ID tube. Flow regime transition criteria were
developed based on a force balance between the gravita-
tional force and the wall shear stress. Soliman [25-27]
investigated the condensation phenomena of refrigerants
and classified the flow regimes into mist, annular and wavy
flows. The modified Weber number was used to predict the
mist-to-annular transition and the Froude number was
used to predict the annular-to-wavy transition. Rifert [19]
proposed a chart for horizontal condensing flow of steam
and classified the flow regime as annular, asymmetric or
gravitational flow based on the nature of local heat transfer
coefficients distribution over the tube perimeter. These
maps are of reference in determining the flow patterns in
the current study. The Mandhane flow regime map is used
because it is well established for adiabatic conditions and
the Jaster and Kosky criteria is used because it is for steam
condensation.

Since the local heat transfer characteristics are closely
related to the flow regime, the flow regime at each local
cross-section must be identified to analyze the heat trans-
fer. To assess the local flow conditions, the local void frac-
tion was estimated. The local coolant top and bottom
temperatures were averaged to obtain the local average
coolant temperature. Noting that the top and bottom tem-
peratures are generally less than 5 °C apart, this is a rea-
sonable simplification. The total heat transfer rate from
the condenser tube inlet to the local cross-section could
then be calculated by knowing the coolant temperature.
The local condensate flow rate was calculated assum-
ing the condensate at saturation state. The flow condi-
tion at a cross-section could then be approximately
determined.

To identify the local flow regimes, both the Mandhane
flow regime map [23] and the Jaster and Kosky flow regime
identification criteria [24] were used and their results were
compared. For most of the test conditions, the flow regime
was either wavy flow or stratified flow regimes on the
Mandhane flow regime map and transition or stratified
flow according to the criteria by Jaster and Kosky:

B Axial shear force _ Tw
~ Gravitational body force  p,gd

3)

Here, the axial shear force is estimated by a two-phase mul-
tiplier method. In estimating the axial shear force and the
film thickness, the film was assumed to be uniform around
the periphery. By comparing the calculated F values and
their observation of the flow regime inside the transparent
condenser tube, Jaster and Kosky determined the flow
regime transition criteria. For F> 29, the flow regime is
annular flow, for 29 > F > 5, the flow regime is transition
flow and for F < 5, the flow regime is stratified flow. Fig. 11
shows the flow regime transition along the test section for
all the inlet steam mass flow rates. The inlet air mass frac-
tion was 5% for all the test conditions shown. When the
inlet pressure and steam mass flow rate are kept constant,
generally the local flow regime does not vary with inlet
air mass fraction except for the pure steam tests. From
Fig. 11, it can be seen that F decreases along the condenser
tube. For the low mass flow cases, F comes to asymptotic
value, signifying the finish of the condensation.

The flow regime analysis by the Mandhane flow regime
map for the test conditions corresponding to Fig. 7 shows
that the first three cross-sections (z = 0.013,0.064,0.114 m)
were in the wavy flow regime. For the cross-sections down-
stream, the flow regime was stratified flow. The results
using the Jaster and Kosky criteria show that only the first
cross-section was in the transition flow regime and the rest
of the cross-sections were in the stratified flow regime. This
discrepancy could be caused by the definition of the flow
regimes since both of authors defined the flow regimes by
flow visualization.

5.4. Local heat transfer coefficients

From the temperature profiles, the local heat fluxes at
the top and bottom of the tube were calculated with their
corresponding calibration equations. The local heat trans-
fer coefficients are defined as
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Fig. 11. Flow regime transition along the condensation length (inlet air
mass fraction: 5%).
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qg/all,in,* (Z)
Ta(z) = Twanins(2)

This heat transfer coefficient includes the condensation
heat transfer coefficient and the condensate film heat trans-
fer coefficient because no data on film characteristics are
available to separate the two components. Fig. 12 shows
the local heat transfer coefficient profile corresponding to
the test conditions of Fig. 7.

The local heat transfer coefficient profile shows the high-
est value at the inlet of the condenser tube and a decrease
along the condenser tube. This is due to the decrease of
the steam/air mixture velocity, the increase of the conden-
sate film thickness along the condenser tube and the
increase of the local air concentration.

It can be clearly seen that near the inlet of the condenser
tube, the heat transfer coefficients at the top of the tube are
much higher than those at the bottom of the tube. This
is mainly due to the asymmetrical film thickness profile.
For certain low steam mass flow conditions, according to
the flow regime transition criteria of El Hajal et al. [28]
the flow regime is stratified from the inlet of the tube.
Near the tube inlet, the condensate film is the major heat
transfer resistance. Towards the outlet of the condenser
tube, most of the steam has been condensed and the pre-
dominant heat transfer mechanism changes from conden-
sation heat transfer to single-phase gas cooling by forced
convection at the top of the tube. At the bottom of the
tube, the heat transfer mechanism is forced convection
through the condensate. Not much difference is shown
between the top and bottom of the tube at the outlet. Heat
transfer calculations without phase change were performed
and the results showed that the temperature difference
caused by single-phase heat transfer is far less than the
uncertainties in the temperature differences measured by
the thermocouple pairs (£0.7 °C). Thus the heat transfer
coefficient in this region is out of the measurement capabil-
ity of the thermocouple pairs which were developed for
measuring phase-change heat transfer. Also, this low heat
transfer region can be neglected since it is not of prime
interest for the current research. Error bars were added

h.(z) =

(4)
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Fig. 12. Typical local heat transfer coefficient profiles.
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to Fig. 12 to account for the error in the calibration and
the uncertainties caused by the thermocouples.

5.5. Additional local heat transfer characteristics

From the typical local heat transfer coefficients, it can be
seen that the top of the condenser tube is a much more effi-
cient heat transfer surface. In this section, the local heat
transfer characteristics are analyzed separately for the top
and bottom for test conditions with the same inlet air mass
fraction. Figs. 13 and 14 show the top and bottom heat
transfer coefficients for test conditions of inlet air mass
fraction 5%.

Fig. 13 shows the heat transfer coefficients for the top of
the tube, where the x-axis is the local mixture Reynolds
number. The approximate local air mass fraction is also
shown in the figure. It is seen that the heat transfer coeffi-
cients at the inlet for different Reynolds number are
approximately the same. Near the inlet, the major heat
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Fig. 13. Heat transfer coefficients at the top of the tube (inlet air mass
fraction: 5%).
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Fig. 14. Heat transfer coefficients at the bottom of the tube (inlet air mass

fraction: 5%).
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transfer mechanism is condensation of steam and the air
concentration distribution in the cross-section is uniform.
The dependency of the heat transfer coefficient on the mix-
ture Reynolds number is very small.

As the mixture flows through the condenser tube, the
mixture Reynolds number decreases and the local air mass
fraction increases. From Fig. 13, for test conditions with a
high inlet mass flow rate, the flow regime remains in the
annular or transition flow regime and the heat transfer
coefficient does not decrease rapidly. The turbulent mixing
helps the steam to penetrate through the NC gas boundary
layer and condense on the heat transfer surface. However,
for the test conditions with a low inlet steam flow rate, the
flow regime changes to stratified flow and the local air mass
fraction increases rapidly. The heat transfer coefficient also
drops rapidly and shows a large dependency on the mixture
Reynolds number.

Towards the outlet of the condenser tube, for the test
conditions with a low steam mass flow rate, most of the
steam has been condensed and the heat transfer coefficients
show a higher dependency on Reynolds number due to a
change in the heat transfer mode from condensation to
forced convection of the NC gas. The high inlet steam mass
flow rate tests may have considerable steam in the mixture
at the outlet and the local air mass fraction is still relatively
low. The heat transfer coefficient is relatively constant in
this region, with a slightly decreasing trend due to the build
up of a NC gas boundary layer.

Fig. 14 shows the heat transfer coefficients at the bottom
of the tube. In this figure, the heat transfer coefficient
shows a larger dependency on the mixture Reynolds num-
ber in all tube regions compared to that at the top of the
tube. For the test conditions with a high inlet steam mass
flow rate, the heat transfer coefficients are less dependent
on the mixture Reynolds number near the inlet. The flow
regime near the inlet is annular or wavy flow and the heat
transfer mode is still condensation of steam. For the test
conditions with a low inlet steam mass flow rate, the heat
transfer coefficient is highly dependent on the Reynolds
number. The flow regime is stratified flow, the heat transfer
mode at the bottom of the tube is forced convection of the
condensate and the heat transfer is therefore highly depen-
dent on the shear of the mixture.

From the above analysis, it can be seen that the factors
affect the local heat transfer characteristics are the local air
mass fraction, local air concentration distribution, local
liquid film characteristics and the local turbulent mixing
effect.

6. Conclusions

Condensation of steam in a horizontal heat exchanger
with a noncondensable gas present has been experimentally
studied. The condenser tube inner surface, outer surface
and annular coolant channel temperature profiles were
measured along the top and the bottom of the test section
along with the condenser tube centerline. For the con-

denser tube inner surface temperature, an innovative ther-
mocouple design was developed that allowed for
nonintrusive measurements. From these and other data,
local heat fluxes were obtained for a variety of pressures,
steam inlet velocities and noncondensable gas mass
fractions.

The local heat fluxes are essential for development of
analytical models of horizontal condensation heat exchang-
ers but have not been seen reported elsewhere. In particular,
it is important to distinguish the difference in performance
between the top and bottom of the condenser tube to
evaluate the overall performance. The experimental results
also identified that the major flow regimes in the horizontal
condenser tubes are generally wavy and stratified flow, with
annular flow occurring only for a steam/air mixture velocity
greater than about 35 m/s.

The global effect of NC gas on the heat transfer rate was
investigated by comparing the centerline temperature pro-
files and the overall heat transfer rates. For the low inlet
air mass fraction conditions studied in this paper, the effect
is not as significant as expected.

The effect of the local air mass fraction, local air concen-
tration distribution, local liquid film characteristics and the
local turbulent mixing on the local heat transfer coefficient
were qualitatively analyzed. The top and bottom show dif-
ferent dependencies on these factors due to the local flow
conditions.

As future work, data at different angles and for different
noncondensable gases will be obtained, quantitative analy-
sis of the data will be performed and mechanistic models
based on further data evaluation will be developed.
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